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Abstract

The European Union aims to become the first climate-neutral continent by 2050.

The heating and cooling sectors constitute a significant potential to reduce the en-

ergy consumption of Europe and to achieve the greenhouse gas emission reduction

goal. Improving and developing energy-efficient heating and cooling technologies is

imperative. This work focuses on a micro-CHP (combined heat and power) system

designed for trigeneration (i.e. electricity, heating and cooling production) and, more

particularly, on the 50kWth R1234yf heat pump of the system. The first objective of

this thesis is the characterisation of the heat pump performances in heating mode.

A test bench of the unit is built and an experimental campaign is conducted. The

effects of the refrigerant charge, the water temperature lift, the superheat and a liq-

uid receiver are assessed. The second objective is the prediction of the performances.

For this purpose, a semi-empirical model of the heat pump is built.
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Chapter 1

Introduction

Due to population and economic growth, there has been a dramatic rise in energy

and fuel consumption over the past decades. Alongside this rise, global warming has

forced the European Union to take action, like becoming climate neutral by 2050.

Significant projects are being carried out on energy-savings technologies to reach

that goal.

In Europe, heating and cooling are responsible for nearly fifty percents of the final

energy consumption. In the residential sector, space and water heating are even

responsible for almost ninety-five percent of total final energy use (share of 78% and

16% respectively) [3]. In 2016, 75% of the energy used in the heating and cooling

sector came from fossil fuels [4]. In fact, natural gas, oil and coil boiler represented

61% of the total European installed thermal capacity in 2012, while biomass burn-

ing technologies and heat pump only accounted for 20% and 7% of the installed

capacity, respectively [5]. Reducing the consumption of the heating sector is key to

achieving the European greenhouse gas emission reduction goal. It will be achieved

with energy-efficient solutions.

Among high efficient heating technologies, condensing gas boilers are replacing tra-

ditional gas boilers as they increase the efficiency from 0 to 12% [6]. The flue gas

produced by the combustion is cooled down below the dew point which allows the

recovery of both the sensible and latent heat. Thus, this increases the thermal effi-

ciency of the boiler. In addition, the environmental pollution of these efficient boilers

is reduced as SO2, NOx and particulate matter are solved in the condensed water [7].

Electric heaters are highly efficient (around 100%) as the electrical work is entirely

converted into heat. Electric heat pumps offer the best-adapted energy-efficient so-

lutions for heating purposes. They have coefficients of performance higher than one

and are therefore essential elements for the achievement of the decarbonization of

society. However, electricity is generated with an efficiency around 34% [8], as al-

most two-thirds of the primary energy is lost as waste heat, and is also subjected to

1



CHAPTER 1. INTRODUCTION

transmission losses.

Combined heat and power (CHP) systems are solutions to avoid the high losses

of centralised electricity production. They produce electricity while making profit

from the released thermal power, which allows reaching high efficiencies. In fact,

electricity is mainly produced through heat converted into electrical power, which is

an inefficient process. The wasted energy is mostly rejected as heat into rivers, seas

or the atmosphere as heat energy is economically and operationally impractical to

transport, in contrast with electricity that is easily and efficiently transportable. In

a CHP system, heat is used close to where electricity is produced. CHP systems can

be classified by their technologies: internal combustion engines, steam turbines, fuel

cells and gas turbines. Nuclear power, geothermal power and thermal solar power

can also be used in CHP systems but have not, so far, been significantly developed.

Internal combustion engines, divided between ’Otto engines’ (i.e.spark ignition en-

gines) and ’Diesel engines’ (i.e. compression ignition engines), are used for power

generation and heat generation (i.e. for hot water and space heating), but they

can not provide higher grade heat. They can work at part load without decreasing

their efficiency ( down to 50% load) [9]. Steam turbines generate electricity and

heat by extracting energy from hot and pressurized steam. Steam is produced by

a boiler which can be fueled by coal, gas, nuclear or biomass. The high flexibility

of steam turbines makes them favourable for CHP systems. Fuel cells are electro-

chemical devices which can operate at high temperature and therefore can work as

CHP systems. They have been widely researched [10] [11] [12] [13] and show high

electrical and total efficiencies. In fact, an hydrogen fuell cell project demonstrated

an electrical efficiency higher than 50% and a total efficiency around 95% [14]. Gas

turbines are engines that consume fuel (usually natural gas) to generate electrical

power while releasing high temperature gases. The combustion between fossil fuel

and compressed air produces hot exhaust gases that flow over the blades of the tur-

bine to produce electricity. The gases exit the turbine at high temperature and can

be used to heat up water to produce thermal power. Gas turbines therefore have a

good potential as CHP systems.

FLAMINCO is a machine developed by Mitis that merges three of the most promis-

ing efficient technologies: a gas turbine, a heat pump and a condensing boiler. The

final product is a complete micro-CHP that allows high flexibility. FLAMINCO

offers three working modes, selected according to the demand (i.e. electrical power

and/or thermal power) and the price of electricity:

• 1) FLAMINCO as a 98% efficient micro-CHP, that produces 10kWe of electrical

power and 40kWth of thermal heat,

• 2) FLAMINCO as an ultra-efficient gas heat pump. The electricity produced
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CHAPTER 1. INTRODUCTION

by the gas turbine is directly fed into the heat pump to produce 50kWth in

addition to the 40kWth generated by the exhaust gases of the turbine. During

peak demand times, the condensing gas boiler can be turned on to produce an

additional 45kWth. As a gas heat pump, FLAMINCO can therefore deliver up

to 135kWth at a 160% average global efficiency,

• FLAMINCO, as an efficient electric heat pump, can produce 50kW of thermal

power directly from electricity of the grid when the price of electricity is low.

This thesis will focus on the 50kWth R1234yf heat pump of FLAMINCO.

1.1 Background

1.1.1 Electric Heat pump

Electric heat pumps are thermodynamic machines. They extract heat from low

temperature to high temperature medium through the contribution of compression

work. Heat is therefore not generated but transferred between heat reservoirs. The

four main components of a heat pump are a compressor, an expansion valve and two

heat exchangers (i.e. one condenser and one evaporator). The heat pump cycle is

shown in Figure 1.1a.

Heat transfer between heat source and heat sink is achieved through a working fluid

called refrigerant. The refrigerating agent is subjected to four main stages before

going back to its original state. The ideal vapour compression cycle makes use of

latent heat that extracts more heat at constant mass flow compared to sensible heat.

The cycle is described by:

1-2: Isentropic compression by providing electrical power to the compressor.

2-3: Isobaric condensation at constant temperature in the condenser. Heat is trans-

ferred from the refrigerant to the heat sink.

3-4: Isenthalpic expansion in the expansion valve.

4-1: Isobaric evaporation at constant temperature in the evaporator. Heat is trans-

ferred from the heat source to the refrigerant.

The real vapour compression cycle is shown in Figure 1.1b. Heat transfer does not

occur integrally at constant temperature. Refrigerant is superheated in the evapo-

rator (from 4’ to 1) to ensure no liquid is entering the compressor, as it could cause

damages. Subcooling, at the outlet of the condenser (from 2” to 3), maintains su-

persaturated liquid at the inlet of the expansion valve. If not, high pressure drop

occurs in the liquid line and the valve does not work properly. Compression is not

isentropic and neither is expansion isenthalpic. Pressure drops occur at the inlet

3



CHAPTER 1. INTRODUCTION

and outlet of the compressor but also through the heat exchangers and piping. Heat

losses to the atmosphere occur as well.
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Figure 1.1: Heat pump cycle (a), and T-S diagram of vapour compression cycle (b).

1.1.2 Refrigerants

As stated above, refrigerants are used to transfer heat from low-temperature medium

to high-temperature medium. Their principal advantages are their low boiling point

at atmospheric pressure and their high heat transfer coefficient. The low boiling

point allows the refrigerant to evaporate at low temperature and therefore to take

profit of low temperature heat source at high latent heat of vaporization. The high

heat transfer coefficient provides a high heat transfer rate in a small heat exchange

area, allowing the system to be compact. Other important properties to take into ac-

count when choosing the appropriate refrigerant could be their chemicals properties

(toxicity, reactivity, oil solubility, etc), environmental effects (flammability, ozone

depletion potential ODP, global warming potential GWP, etc), cost and availability.

Refrigerants are subjected to many legislations. In 1987, the Montreal Protocol

on Substances that Deplete the Ozone Layer was signed to phase out the use of

chlorofluorocarbons (CFCs), such as Freon-12 (ODP of 1 and GWP of 10900) [15].

R134A, which belongs to hydrofluorocarbons (HFCs), was then developed to replace

CFCs and has become very common as it is safe to handle, non-toxic, non-flammable

and has a zero ODP [16]. However, R134a contributes to global warming and is clas-

sified as a greenhouse gas due to its 1430 GWP. R410A and R32, despite their high
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value of GWP (2088 and 675, respectively [17]) are also dominating the domestic

heat pump market. The Kyoto [18] Protocol, adopted in 1997, has restricted the use

of hydrofluorocarbon (HFC) because of their high global warming potential. Nowa-

days, studies are performed to replace refrigerants such as R134a, R410A and R32.

The new regulations are forcing the industry to develop and use refrigerants with

GWP of less than 150 [19]. Alternative refrigerants have gained interest over the

last years, including natural refrigerants, hydrofluoroolefins (HFOs), hydrochloroflu-

orolefins (HCFOs), hydrocarbons (HCs) and low-GWP hydrofluorocarbons (HFCs)

[20]. They are detailed below.

Natural refrigerants, such as ammonia, carbon dioxide and water, can be used in HP

systems. Their global warming and ozone depletion potential being zero, they are

promising to replace the non-environmental friendly refrigerants. Ammonia (R717)

has been used for more than a century and has regained great interest over the

last few years, due to its low cost, high availability and extremely high latent heat

[21]. However, ammonia is both flammable and toxic. R744, commonly known as

CO2, is the most promising candidate in refrigeration applications among natural

refrigerants. CO2 has many advantages as it is inert, non-toxic, non-flammable, in-

expensive, available and easy to recycle. It also has high heat transfer properties, low

pressure ratio and high volumetric capacity, which allows to miniaturised the system

[22] [23] [24]. However, its low critical temperature imposes CO2 to be operated in a

transcritical cycle which requires a very high compression ratio and therefore strong

components to avoid leakages. Water (R718) is also used as a refrigerant and subject

to various researches due to its 0 ODP and GWP, non-toxicity and non-flammability.

Water can be directly evaporated and condensed, as it can be used both as working

and heat carrier fluid [25]. R718 has demonstrated high performances, especially

in high temperature heat pumps [26]. The use of R718 is limited due to the large

vapour volume flow rates, high required pressure ratio and its boiling point of 100◦C

at atmospheric pressure, which requires operating under vacuum conditions in the

low pressure line when the heat source temperature is lower than 100◦C.

Hydrocarbons (HCs), such as propane (R290), propene (R1270) and isobutane (R600a),

are a class of natural refrigerants. They have zero ODP, GWP lower than 10 [20]

and have comparable or better performances than synthetic refrigerants [27] [28]

[29]. However, HCs belong to the high flammability class of refrigerants (i.e. class

3) [30] and specials cares need to be taken. At low heat source temperature, heat

pumps work under vacuum pressure and the risk of air leakage is increased, which

also increases the flammability risk. Reduced charge of refrigerant, outdoor unit,

forced ventilation and sensors are solutions to reduce the risk of flammability [31].
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Hydrofluorocarbons (HFCs) tend to be replaced, but some low GWP HFCs are still

under researches, such as R152a and R161. R152a has been known for a long time

but its high level of flammability (class A2) has put restrictions on its use as a refrig-

erant. Due to its low GWP (138) and its similarities to R134a, R152 has regained

interest [32] and has shown better performances than R134a [33] [34]. R161 has a

low GWP of 12, is highly flammable [35] and has given high values of COP [36]. Its

flammability issue can be addressed by mixing R161 with other refrigerants [37].

Hydrochlorofluorolefins (HCFOs) are synthetic refrigerants. The two most promising

are R1233zd(E) and R1224yd(Z) because of their high critical temperature, non-

flammability and non-toxicity [20]. However, their ozone depletion potentials are

not equal to zero (i.e. 0.00034 and 0.00012 ODP for R1233zd(E) and R1224yd(Z),

respectively) but can be considered as negligible due to their short lifetime [38].

R1233zd(E) and R1224yd(Z) show promising results in heat pump applications [38]

[39].
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Figure 1.2: Evolution of the number of articles published on Scopus.

Hydrofluoroolefins (HFOs) are environment-friendly refrigerants, suitable to become

alternatives to HFCs due to their low global warming potential [40]. R1234yf,

R1234ze(E), R1234ze(Z) and R1233zd(E) are the main promising HFOs with GWP

lower than 1, 0.8, 6 and 1.4, respectively [41]. R1234yf, or 2,3,3,3-tetrafluoroprop-

1-ene, is the most promising HFO and has been researched in an increasing number

of articles since 2012, as shown in Figure 1.2. R1234yf has been studied for mo-

bile air conditioners (MAC), residential cooling appliances and water and air heater

applications. It is important to underline that, since 2018, the research of R1234yf

has mainly been carried out on HFC/HFO mixtures instead of pure R1234yf [42].

R1234yf is considered as the direct replacement of R134a [43] [44] [45] due to its

comparable thermodynamics properties and oil compatibility (i.e. with POE oil).

R1234yf has low toxicity, low flammability (class A2) and can be used without risk

in refrigeration systems [42]. Some marginal decreases in COP have been observed
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in comparison with the R134a performances, but R1234yf is still considered as a

drop-in replacement of R134a, especially in the automotive sector [40]. Thanks

to its numerous advantages and promising future, R1234yf has been chosen as the

working fluid of the FLAMINCO heat pump.

A summary of the main refrigerants is shown in Table 1.1.

Type
ASHRAE

Number
ODP

100-year

GWP
Characteristics

CFC R-12 1 10900
Not used anymore because of the high

ODP

HFC R-134a 0 1430
Getting replaced because of the high

GWP

HFC R-32 0 675
Getting replaced because of the high

GWP

HFC R-152a 0 138
Under researches to replace high GWP

HFC but highly flammable (A2)

HC R-290 0 3
Known as propane, high COP but

extremely flammable (A3)

HC R-1270 0 2
Known as propene, high COP but

extremely flammable (A3)

HC R-600a 0 3
Known as isobutane, high COP but

extremely flammable (A3)

Natural

refrigerant
Ammonia 0 0

Highly available, affordable but

flammable and toxic

Natural

refrigerant

Carbon

dioxide
0 1

Inert, available but low critical

temperature and thus used in

transcritical system

Natural

refrigerant
Water 0 0

Non-toxic, available but large vapour

volume flow rates

HFCO R1233zd(E) 0.00034 1
Non-flammable, non-toxic but

non-zero ODP

HFO R1234yf 0 1

Relatively non-toxic and

non-flammable, used as drop-in

replacement of R134a

Table 1.1: Summary of the existing refrigerants.
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1.2 Aim of the thesis

This thesis aims to analyse the performance in heating mode of a geothermal R1234yf

heat pump designed to produce 50kW of thermal power for floor heating (i.e. hot

water at a temperature of 35◦C). The first prototype of the FLAMINCO’s heat

pump is fully equipped with sensors to further characterise its behaviour. The

purpose of the heat pump is its commercialisation and different configurations need

to be tested in order to reach the highest coefficient of performance. The effect of the

compressor rotational speed, the temperature of the heat source, the temperature of

the heat sink, the refrigerant charge, the subcooling, the overheating and the liquid

receiver need to be studied.

The second objective of this thesis is the prediction of the performances out of the

tested temperatures and rotational speed ranges. A semi-empirical model of the

heat pump therefore needs to be developed.

1.3 Overview

This thesis is organised into several chapters:

• Chapter 1: The introduction provides the context and motivation for this

thesis. A theoretical background of electrical heat pumps and refrigerants is

performed.

• Chapter 2: A description of the experimental setup is provided. The heat

pump unit, the secondary fluid loops, the sensors and the data acquisition

system are described.

• Chapter 3: A complete analysis of the experimental results is conducted.

• Chapter 4: The performances of the 50kWth heat pump are predicted through

a semi-empirical model.

• Chapter 5: Some perspectives and improvements for future works are pre-

sented.

• Chapter 6: The main results of this thesis are summarised.
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Chapter 2

Test-rig description

The water to water heat pump is located in the Thermodynamics Laboratory of the

University of Liège. The experimental test rig is composed of a heat pump unit

and two hydraulic loops. The scheme of the test rig is displayed in Figure 2.1. A

complete description of the components is provided in the next section.
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Figure 2.1: Scheme of the test rig.

2.1 Heat Pump unit

2.1.1 Compressor

The compressor selected for this application is a hermetic scroll compressor manufac-

tured by Danfoss (model SY240). The compressor is compatible with R1234yf and
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has been developed to work at 50 and 60Hz. Eventhough it is not declared as a vari-

able speed compressor, SY240 tolerates working between 40 and 60Hz. An inverter

from ABB (model ACS480) allows the speed variation of rotation and therefore con-

trols the produced load. At high speed of rotation, mass flow of refrigerant is high

and thermal power is large. A polyolester oil is used to lubricate the compressor. As

no oil separator is displaced at the outlet of the scroll compressor, lubricating oil is

moving with the refrigerant in the HP loop. This oil transportation is deteriorating

performances by decreasing the heat transfer in the two heat exchangers. The aim

of this heat pump being its commercialisation, the system is kept simple without

adding an oil separator. Furthermore, compressors are nowadays designed for a good

oil return inside the compressor. The main technical data of the scroll compressor

are shown in Table 2.1.

Table 2.1: Technical data of Danfoss SY240 scroll compressor.

Swept volume [cm3] 347.8

Lubricant P.O.E. 320SZ

2.1.2 Heat exchangers

Two brazed plate heat exchangers (BPHE’s) are used as evaporator and condenser

to transfer the heat from and to the secondary loop, respectively. The secondary

fluids in both the condenser and the evaporator are water and 30% Ethylene Glycol.

They are counter-flow heat exchangers made of corrugated channel plates, their

main advantages are their compactness and their high efficiency. The chosen ones

are both manufactured by SWEP. Evaporator model is V80x84 and condenser is

B80ASx66. Their main technical data are shown in Table 2.2. It is noteworthy

that heat exchangers have been chosen to maximise the efficiency of the heat pump

in heating mode. In cooling mode, the evaporation and condensation locations are

exchanged compared to heating mode.

2.1.3 Filter dryer

A bi-directional filter dryer is added between the condenser and the electronic ex-

pansion valve. Its purpose is to remove contaminants like moisture or dirt. Moisture

can freeze and restricts the flow of refrigerant, and reacts with oil to form acid.

Particulates can also block the flow of refrigerant, mainly in the expansion valve.
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Table 2.2: Technical data of SWEP brazed plate heat exchangers.

Evaporator Condenser

Model V80x84 B80ASx66

Heat load [kW] 40 50

Total heat transfer area [m2] 4.92 3.85

Heat flux [kW/m2] 8.13 13

Number of plates 84 66

2.1.4 Electronic expansion valve

The expansion valve used in the heat pump is an electronic stepper motor valve

from Danfoss (Colibri 12C). An electronic expansion valve (EEV) allows compact-

ness, precise flow control and reactivity. EEV has been chosen over thermostatic

expansion valve as it allows a better superheat control, and therefore a better evap-

orator efficiency and better COP. A positive superheat at the outlet of evaporator

is mandatory to avoid liquid at the suction side of the compressor. However, a too

high superheat reduces the section of the heat exchanger which is being fed with

saturated refrigerant. The efficiency and capacity of the evaporator are therefore

reduced as the heat exchanger is partially filled with vapour refrigerant which has

a lower heat transfer coefficient than a two-phase fluid. Electronic expansion valve

constantly achieves an optimally low superheat and thus a high evaporating pres-

sure.

Colibri 12C is driven by a stepper motor and controlled by a superheat controller

from Danfoss (EKE 1C). The control is set on a fixed superheat of 5 degrees Kelvin.

2.1.5 Four-way valve

A four-way valve is added to the system in order to make it reversible. It allows

switching the refrigeration cycle from heating mode in winter to cooling mode in

summer, by inverting the condenser and the evaporator.

2.1.6 Liquid receiver

A liquid receiver is a storage tank installed at the outlet of the condenser. It is filled

with both liquid and vapour and equipped with an immersion tube that ensures

liquid refrigerant at its outlet. Its purpose is twofold: to store refrigerant in case of

operations on the system and to withstand refrigerant charge fluctuations.

In fact, modifying the heat pump unit requires transferring the refrigerant charge

in a recovery bottle, with a dedicated pump, before doing any changes. By adding
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a liquid receiver to the system, one can perform a pump down operation. This op-

eration consists in closing the outlet of the receiver and running the compressor to

pump refrigerant into the receiver. Pumping down the heat pump unit also avoids

liquid migration back to the compressor during off-cycle.

Furthermore, a heat pump unit can be working under fluctuating conditions. As the

total required refrigerant charge varies with the operating load, the liquid receiver

acts as a buffer to balance the charge variations. The refrigerant charge must be suf-

ficient at all time to ensure liquid refrigerant in the expansion valve but the system

should not be overcharged to keep satisfying heat transfer in the heat exchangers.

Excess of refrigerant mainly accumulates in the condenser causing subcooling at the

outlet of the condenser to increase. Too much subcooling implies that the condenser

is mostly filled up with liquid. As liquid refrigerant has lower heat transfer prop-

erties than two-phase refrigerant, heat exchangers do not operate at optimal design

point.

However, liquid receivers require a minimum operating charge and therefore increase

the total refrigerant mass of the heat pump unit. Adding a liquid receiver also

increases the size of the heat pump. The compactness of the system being a major

concern in commercial heat pump, manufacturers tend to avoid liquid receivers in

their products. For this reason, the heat pump was designed and manufactured

without a liquid receiver. It was decided afterwards to also test the unit with and

without a receiver, one is therefore added in the liquid line between the condenser

outlet and the mass flow meter. Due to the initial configuration, the heat pump can

not run in cooling mode with the liquid receiver as its inlet and outlet can not be

switched. Manual stop valves and a by-pass line are therefore required.

2.2 Hydraulic loops

Two hydraulic loops are needed to supply the heat pump with cold and hot fluid.

The condenser is supplied with tap water through a motorized globe valve and the

supply temperature is controlled by means of a recirculation pump. The evapora-

tor is supplied with a water-glycol mixture with a thirty percents concentration of

Ethylene Glycol to provide freeze protection up to -15°C. Mass flow rate and supply

temperature are controlled with a pump and a 40kW resistive load, respectively.

2.2.1 Pumps

The circulators used in the two loops are both E-pumps from Grundfoss (model

CME) with frequency-controlled permanent-magnet motors. They allow to pre-

cisely control the flow rate of the condenser loop and the supply temperature of the

evaporator, by controlling the recirculating flow rate. The main technical data of
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the pumps are shown in Table 2.3.

The pumps are controlled with a 0-10V signal which allows the variation of their

rotational speed between the minimum and maximum setpoints.

Table 2.3: Technical data of Grundfoss CME pumps.

Model CME 5-2 A-R-A-E-AQQE S-A-D-N

Nominal flow rate 5.64 m3/h

Fluid temperatures range -20...90◦C

Rated power 1.1kW

2.2.2 Resistive load

The evaporator is supplied by a closed loop of 30% Ethylene Glycol which therefore

has to be provided with heat. A resistive load of 40kW from Kamenev is used to

simulate the ground source of a geothermal heat pump.

The heating load is controlled through a power regulator from Regin (model TTC80F).

The regulator receives a signal between 0 and 10V and provides the resistance with

an electrical power of 0 to 40kW.

2.2.3 Motorized globe valve

Through the condenser, the heat pump is generating heat which has to be rejected.

The condenser loop is therefore not operated in closed loop. Tap water is entering

the test bench through a valve, is being preheated to the desired supply temperature

thanks to water recirculation, heated up in the condenser and then rejected to the

drain. The motorized globe valve is therefore adjusting the freshwater flow rate

entering the loop. The control of the valve is done through a 0 to 10V signal.

2.3 Instrumentation

In order to precisely characterise the heat pump unit, the test bench is equipped

with various sensors, as shown in Figure 2.1. More details on the used sensors and

data monitoring can be found as follow:

2.3.1 Measurement devices

2.3.1.1 Temperature measuring sensors

T-type thermocouples are used to measure the numerous temperatures to charac-

terise the state of the refrigerant and of the secondary fluids. Thermocouples consist
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in two wires, made of different metals, that are joined together at the end where

temperature needs to be measured. An electromotive force is generated if the junc-

tion is heated up or cooled down, as explained by Seebeck effect. This electromotive

force can be correlated back to the temperature using thermocouple reference tables.

Conversion between voltage output and temperature reading is made with Labview

software through a Data Acquisition (DAQ) system. More information about the

Data Acquisition can be found in section 2.3.3. The main advantages of thermo-

couples are their low price and wide temperature range. Type T thermocouples are

utilized with their measuring range between -200 ◦C and 350 ◦C, with a nominal

accuracy of ± 0.5◦C. The locations of the temperature measurements are listed in

Table 2.4.

Table 2.4: List of temperature measuring sensors .

Measurement device Temperature measuring sensors Description

T-type thermocouples

T1 Compressor inlet

T2 Compressor outlet

T3 Condenser inlet

T4 Compressor outlet

T5 Compressor inlet

T6 Corriolis flow meter inlet

T6 Evaporator inlet

T7 Evaporator outlet

T8 Heat source supply temperature

T9 Heat source exhaust temperature

T10 Tap water temperature

T11 Heat sink supply temperature

T12 Heat sink exhaust temperature

2.3.1.2 Pressure sensors

Six piezoresistive pressure transducers are installed on the heat pump unit, as shown

in Table 2.5. The fifth four are made by Wika (model A-10) and have a 0-16bar (g)

range, a non-linearity of ± 0.5 % BSFL and a maximum measured error lower than

± 1% of span. The sixth pressure transducer comes from Keller (model PA-21Y),

has a range of 0-6 bar(g) and a total error band of ± 1.5% Full Scale (FS). This

last pressure sensor is used by the superheat controller to compute superheat at the
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evaporator outlet.

Due to piezoresistive effect, a conductive material is subject to a change in its elec-

trical resistance when it is stretched. Under pressure, the sensor element is deformed

and its change in resistance can be converted to an output signal using a Wheatstone

bridge. Output signal of the piezoresistive pressure transducers is between 4-20mA.

Table 2.5: List of pressure measuring sensors .

Measurement device Pressure measuring sensors Description

piezoresistive pressure transducer

P1 Compressor inlet

P2 Compressor outlet

P3 Condenser outlet

P4 Evaporator inlet

P5 Receiver outlet

P6 Evaporator outlet

2.3.1.3 Flow meter

Three mass flow meters from Emerson are used in this test rig.

Volumetric flow rates of the two hydraulic loops are measured with magnetic flow

meters (Rosemount 8705). Magnetic flow meters are made of a set of coils and of

two electrodes, as depicted in Figure 2.2a. Current is supplied to the coils to form

a magnetic field which causes the separation of the negative and positive charged

fluid particles. Charged particles create an induced voltage at the electrodes which

is measured and converted into a flow velocity thanks to Faraday’s Law. Rosemount

8705 has a range of 0 to 1.2 l/s and a flow accuracy of ±0.25% of rate while the

Rosemount transmitter has an accuracy of 0.25%.

Mass flow rate of refrigerant is measured with Coriolis flowmeter ( Micro Motion

ELITE CMFS050M). This flow meter is made off two parallel flow tubes which

splits the flow of refrigerant as shown in Figure 2.2b. The tubes are energized by

the driver unit (i.e. a coil) to oscillate and oscillations are measured with sensors

at inlet and outlet of the flow meter. When there is no flow, the tubes oscillate in

phase but, as long as the fluid is moving, a Coriolis force is induced which causes the

tube to twist and the generated sine waves to be shifted in phase. Mass flow rate of

the fluid is proportional to the time delay between the two sine waves. The density

of the fluid modifies the vibrating frequency of the tube, it is therefore proportional
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to the wave frequency. Micro Motion ELITE has a mass flow accuracy (Liquid) of

±0.10% of mass flow rate while the transmitter has a linearity of 0.015 % of span.

(a) (b)

Figure 2.2: Magnetic flow meter (a) and Coriolis flow meter (b).

Table 2.6: List of flow measuring sensors .

Measurement device Flow measuring sensors Description

Coriolis flow meter m1 Refrigerant [kg/s]

Magnetic flow meter
m2 30% Ethylene Glycol [l/s]

m3 Water [l/s]

2.3.1.4 Power meter

A watt-meter from Camille Bauer (model SINEAX AM2000) quantifies the con-

sumed power of the heat pump, i.e. the consumed power of the inverter. Power

consumed by the compressor itself is also measured by the inverter in order to char-

acterise the behaviour of the compressor.

2.3.1.5 Sight glass

A sight glass allows to control the state of the refrigerant (i.e. liquid or two-phase)

and is installed as close as possible to the inlet of the expansion valve. In order

to ensure the proper functioning of the expansion valve, the refrigerant should be

supersaturated liquid at its inlet. Subcooling at the condenser outlet should ensure

the supersaturated liquid state but, due to high pressure drops in the liquid line,

formation of vapour bubbles can be detected in the sight glass. This sight glass is
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used in order to find the proper mass of refrigerant. This will be discussed in the

next chapter.

2.3.2 Safety switch

To ensure that pressure is not increasing above 16bar (g) in the heat pump, a Ranco

high pressure switch is added on the high pressure side. Too high pressures can dam-

age the pressure sensors and the compressor itself as reliable operations of the com-

pressor are guaranteed under 20bar (g). When high pressure rises above 16bar (g),

the compressor is shut down.

2.3.3 Data Monitoring

In order to fully characterise the performance of this heat pump, data coming from

the test rig need to be collected and stored. This operation is done through a Data

Acquisition system, Modbus communication and Labview software.

2.3.3.1 Data Acquisition System

A compactDAQ is used to receive analog signal from the measurement devices and

send analog signal to some controllable components of the test bench (i.e. pumps,

valve, resistance and four-way valve). The compactDAQ allows converting ana-

log signal to digital signal and vice versa. It is worth noting that the compressor,

through the inverter, and the superheat controller are controlled directly via Modbus

communication. The compactDAQ is a data acquisition platform made of a Com-

pactDAQ Chassis and four C Series Input and Output (I/O) modules: two analog

output modules (current and voltage) and two analog input modules (current and

thermocouple). Details on the modules can be found in Table 2.7. The chassis used

in the test rig is a cDAQ 9178.

Table 2.7: C Series Input and Output modules of the test rig.

I/O Module I/O type range accuracy

NI 9213 Thermocouple input [-200;1000◦C] ± 0.02◦C

NI 9208 current input [-20;20mA] ± 0.76% of reading, ± 0.04% of range

NI 9264 voltage output [-10;10V] ± 0.2% of reading, ± 0.25% of range

NI 9265 current output [0;4mA] ± 0.35% of reading, ± 1.4% of range
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2.3.3.2 Modbus

Modbus is a communication protocol between a device requesting the information,

called master, and devices providing the information, called slaves. One master can

be connected with up to 247 slaves, each with a unique address. Modbus has been

developed by Modicon systems in 1979. The information exchange is always initi-

ated by the master, the slaves therefore can not send information before a request

from the master.

Information is exchanged through bits of zeros and ones, sent as voltage. Zeros are

positive voltage while ones are negative. Transmission is really fast: around 9600

baud (bits per second). Bits are combined in block of four to be read as hexadecimal,

each block is therefore represented by characters from 0 to F. A byte is a block of 8

bits.

Inquiries from the master consist of series of bits. The first byte is used to specify

the slave address as each slave as its own (from 0 to 247). The second byte states

the function code with a read or write data command to the slave. If the command

is to write, the next bytes specify the data to write. The Cyclic Redundancy Check

(i.e. CRC), an error checking field, ends the inquiries. CRC is calculated from the

previous bytes by the sending device. The receiving device also calculates the CRC

to compare it with the one of the messages. If one bit has not been sent correctly, the

CRC will be different and the receiving device will conclude to an error. Inquiries

from the slaves are composed of the slave address, the function code, the data and

a checksum.

The physical support for Modbus communication used in this set-up is RS485. RS485

is chosen for its many advantages. It can support high data rate over long distances

and have many slaves on one bus. Moreover, it is immune to noise.

Modbus and RS485 are used in the test bench to control the compressor, through

the inverter, by controlling its rotational speed and its ON/OFF switch. The elec-

tronic expansion valve is also controlled by Modbus through its controller. Many

parameters, like the operational mode or the superheat setpoint, can be set. This

communication protocol is finally used to receive data from the inverter, the EEV

controller and the wattmeter.

2.3.3.3 LabView

Information from and to the components of the test bench are processed through

LabView. LabView is a visual programming language developed by National Instru-

ment to design, control and metering systems. The user interface is called Virtual

Instrument (VI). LabView is particularly suitable for test bench as it is used for data

acquisition and signal processing.

A main LabView VI has been created for this set-up, with additional subVI’s. Its
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Figure 2.3: LabView VI of the test bench.

main role is to collect data from the sensors and to control the devices of the test

bench. Data are then exported in a text file to be post-processed on Matlab. The

VI also allows visualising, during testing, the performance of the heat pump. Tem-

peratures, pressures and mass flow are displayed on the screen, as shown in Figure

2.3. SubVI’s are created and implemented to estimate superheat, subcooling and

TS diagram in order to ensure the effective operation of the test bench.

Some safety features are implemented through LabView. Indeed, many conditions

need to be fulfilled to ensure the proper functioning of the test bench. Two major

components need to be protected: the 40kW resistive load and the compressor. The

resistance has to be given careful attention: the water-glycol mixture should always

be in motion to remove the heat while the fluid temperature should never exceed

30◦C. Temperature can quickly rise if those conditions are not respected and this

may lead to the component degradation. Three conditions need to be satisfied in

order to run the compressor. Firstly, high pressure can never exceed 16bar (g), as

explained in the previous section. Secondly, deep vacuum operations are forbidden

as it can cause internal electrical arcing and scroll instability. A low pressure switch

is set at 0.6bar (g) as the minimum low pressure setting is 0.5bar (g) according to

Danfoss. Third, exit temperature of glycol water solution from evaporator can not

drop below -10◦C as 30% Ethylene Glycol freezes at

-15◦C. Furthermore, the resistive load is shut down if the compressor has to be

turned off, and vice versa.

19



CHAPTER 2. TEST-RIG DESCRIPTION

2.4 Experimental test set-up

Pictures of the experimental test set-up can be found in Figures 2.4a and 2.4b. The

main system components are listed in Table 2.8.

Table 2.8: Main components of the test rig.

(A) Compressor

(B) Condenser

(C) Evaporator

(D) Electronic expansion valve

(E) Sight glass

(F) Filter dryer

(G) Mass flow meter

(H) Liquid receiver

(I) Four way valve

(J) Circulators

(K) Mass flow meters

(L) Heat load of the evaporator loop

(M) Valve of the condenser loop

(a) (b)

Figure 2.4: Actual mounted assembly for heat pump (a), and secondary loops (b).
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Experimental results

3.1 Data reduction

This section describes the equations that are used to assess the heat pump perfor-

mances from the experimental campaign.

• Compressor

The compression work undergone by the refrigerant in the compressor is de-

scribed by Equation 3.1.

Ẇcmp = ṁwf · (hcmp,ex − hcmp,su), (3.1)

where hcmp,ex and hcmp,su are the enthalpy of the refrigerant at the compressor

supply and exhaust, respectively.

The compressor performances are studied through the isentropic and volumet-

ric efficiencies, defined by Equations 3.2 and 3.3:

εis =
ṁwf · (hcmp,ex,is − hcmp,su)

Ẇcmp,elec

, (3.2)

εvol =
V̇wf,su

V̇wf,th

, (3.3)

where hcmp,ex,is is the compressor exhaust enthalpy for an isentropic compres-

sion, Ẇcmp,elec the electrical consumption of the compressor. V̇wf,su is the actual

volumetric flow rate delivered by compressor and V̇wf,th the theoretical volu-

metric flow rate. They are defined by Equations 3.4 and 3.5 .

V̇wf,su =
ṁwf

ρcmp,su

, (3.4)

21



CHAPTER 3. EXPERIMENTAL RESULTS

V̇wf,th =
Vs ·N

60
, (3.5)

where ρcmp,su is the density of the fluid at the compressor inlet, Vs is the

compressor swept volume and N is the compressor rotational speed.

• Heat exchangers

The thermal heat transfers occurring in the condenser and in the evaporator

are defined by Equations 3.6 and 3.7:

Q̇cd,wf = ṁwf · (hcd,wf,su − hcd,wf,ex),

Q̇cd,sf = ṁcd,sf · cpcd,sf,m · (Tcd,sf,ex − Tcd,sf,su),
(3.6)

Q̇ev,wf = ṁwf · (hev,wf,ex − hev,wf,su),

Q̇ev,sf = ṁev,sf · cpev,sf,m · (Tev,sf,su − Tev,sf,ex),
(3.7)

where cpcd,sf,m and cpev,sf,m are the mean specific heat capacity of the water

and glycol water mixture, respectively.

• Coefficient of performance

The coefficient of performance of the heat pump is assessed with Equation

COP =
Q̇cd

Ṗelec,cmp + Ṗelec,aux

, (3.8)

where Ṗelec,cmp is the electrical consumption of the compressor and Ṗelec,aux is

the electrical consumption of the auxiliaries (i.e. defined in Section 3.4).

3.2 Experimental methodology

The test campaign has been conducted during seven weeks and a set of 157 steady-

state points is obtained. Each point is recorded for 10 minutes and the performance

of the heat pump is assessed through the average of each measurement. This amount

of time allows the lessening of the measured noise and the obtention of an average

temperature differing from less than 0.23◦C from the desired temperature. The

goal of this experimental campaign being the characterisation of the heat pump be-

haviour, testing is made over a wide range of conditions. The secondary fluid inlet

temperature of the evaporator Tev,sf,su and the water condenser outlet temperature

Tcd,sf,ex are varied from 5◦C to 15◦C and 25 to 45◦C respectively, each with 5◦C

step. Those ranges of temperature are chosen to characterise a heat pump in a

typical European environment to produce water for floor heating. The heat pump

has been designed as a geothermal one but it has been suggested that the definitive
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commercialised unit could be an air-to-water heat pump. The secondary fluid inlet

temperature of the evaporator has therefore also been tested down to -15◦ for this

reason, this temperature being the minimal one allowed by the 30% Ethylene Glycol

mixture. It was also decided to test the heat pump unit up to 55◦C for radiator heat-

ing. Since the maximum allowable pressure of the employed sensor is 16bar (g), it

limits the maximum condensation temperature to be 61.5◦C. Considering a usual 5-

6 pinch in the heat exchanger, the heat pump is further tested to achieve a maximum

of 55◦C of water temperature at the condenser outlet. Condensation temperature

higher than 50◦C is well within the compressor envelope that can be operated at a

maximum condensing temperature of 68◦C. However, since the maximum available

power from the CHP unit is 10kWe, it has been decided to test the unit so that the

maximum electric power withdrawned by the compressor is 10kW. The water tem-

perature at the condenser outlet is therefore also limited by the electric power and

a 55◦C temperature can sometimes not be achieved. In a similar way, evaporating

temperatures is limited and the water temperature at the inlet of the evaporator, in

some cases, can not be lowered too much.

An experimental campaign is conducted by varying the temperature of the secondary

fluids at two rotational speed of the scroll compressor (i.e. 2400 and 3000rpm). In

order to maintain consistency between each point, the mass flow of water on con-

denser side ṁcd and glycol-water on evaporator side ṁev are both fixed at 1.1l/s to

allow a water temperature lift between 5 and 10◦C. However, some tests are con-

ducted at higher lift and flow rate is therefore varied. The range of tested condensing

and evaporating pressure are shown in Figure 3.1.
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Figure 3.1: Test matrix of the experimental campaign.
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The heat pump is tested in four main conditions. At first, tests are carried out

while being overcharged (i.e. refrigerant charge is too important for the system).

As it will be discussed in Section 3.6, subcooling is large when the heat pump

is overcharged, causing pressure and therefore electrical consumption to increase.

An overcharged heat pump is therefore not desired in a commercial application.

Secondly, the optimal charge of refrigerant is found and the heat pump is being

tested with a water temperature lift of around 10◦C on the condenser side. Thirdly,

tests are carried with a larger lift (i.e. with tap water entering the condenser).

Fourthly, some tests are performed to assess the effect of overheating. Finally, the

effect of a liquid receiver after the condenser is also studied.

3.3 PID controller

PID controllers are implemented to set the secondary fluid temperatures to the de-

sired values. Tev,sf,su is controlled through the power sent to the heating resistance

while Tcd,sf,ex is controlled through the opening of the motorized globe valve. The

heating resistance and the valve allow to respectively control the heat load of the

hot water loop and the amount of freshwater added to the cold water loop.

A PID controller is a control system ensuring a measured process variable (PV ) to

reach a desired setpoint (SP ) by adjusting a control variable u(t). A PID controller

calculates the error value e(t) between SP and PV and ajdust u(t) to minimize this

error. The overall control function is written as:

u(t) = Kc

(
e(t) +

1

Ti

∫ t

0

e(t)dt+ Td
de(t)

dt

)
, (3.9)

where Kc is the proportional gain, Ti the integration time, Td the derivative time,

de the change in error value and dt the change in time.

The parameters of the Proportional Integral Derivative (PID) controller of the evap-

orator loop have been determined by monitoring the system behaviour under step

changes. This loop is subject to high delay time between a change in the power sent

by the heating resistance and its effect on Tev,sf,su. The PID parameters needs to be

correctly optimised to allow a good and fast control of the loop. First, the system

is tested under four values of the proportional term Kc while keeping Ti and Td

constant. One can see in Figure 3.2a that high values of Kc lead to large overshoots

which are not a desirable behaviour. The proportional gain is chosen to be 0.5 in

order to have acceptable overshoot while keeping its value high enough to sustain

system disturbances. Then, the response of Tev,sf,su is studied for four values of the

integral term Ti while keeping the two other parameters constant. The result is
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shown in Figure 3.2b and the value of Ti is chosen equal to 0.5min to obtain a fast

convergence while avoiding too large overshoot. Finally, one can see in Figure 3.2c

the impact of the derivative term Td, which has little influence. Td is chosen equal

to 0.5min. The parameters of the PID controller of the condenser loop have been

determined by manual tuning as well.
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(a) Response of Tev,sf,su to step change, for four
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(b) Response of Tev,sf,su to step change, for four

values of Ti (Kc=0.5 min and Td=0.5min).
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(c) Response of Tev,sf,su to step change, for three

values of Td (Kc=0.5 min and Ti=1min).

Figure 3.2: Effect of varying parameters (Kc, Ti and Td) on the evaporator loop.

The PID controllers parameters are listed in Table 3.3a. The responses of the sec-

ondary fluid loops to a step change are shown in Figures 3.3a and 3.3b. One can
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see in Figure 3.3a that the settling time is long, almost 1500s. Finding the proper

parameters of each system is therefore of significant importance. The chosen ones

allow having a short rise time and small steady-state error.

Table 3.1: PID controllers parameters.

Resistance control Valve control

Proportional gain Kc [-] 0.5 -2.5

Integral time Ti [min] 1 2.2

Derivative time Td [min] 0.5 0.01
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(a) Time evolution of Tev,sf,su subjected to a 5◦C

increases with the heating resistance controlled by

a PID.
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(b) Time evolution of Tcd,sf,ex subjected to a 15◦C

step change with the globe valve controlled by a

PID.

Figure 3.3: Response of the system to step changes.

3.4 Electrical consumption of the auxiliaries

The main electrical consumption of the water to water heat pump is brought by the

compressor, but the auxiliaries also contribute to the HP performance characterisa-

tion. The auxiliaries to be considered in this case are the only two circulators that

are supplying secondary fluids to the condenser and evaporator. The consumption

of the other components, such as the motorized globe valve, the expansion valve or
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the sensors, are assumed negligible.

The consumption of the circulators is not recorded during each test as they are not

wired to have analog output. However, the consumption can be read in real-time

through a smartphone via the Grundfos GO remote application. The circulator

consumption as a function of its voltage analog input can be found in Figure 3.4.

The cold and hot water loop circulators are consuming between 370 and 470W in

all. This consumption is marginal in comparison with the compressor electrical

power but is still taken into account in the performance evaluation. It is worth

noting that the circulator, supplying glycol water to the evaporator, is consuming a

substantial part of the auxiliary power. Whereas, the circulator supplying water to

the condenser is only re-circulating a small quantity of the freshwater to maintain

the condenser inlet temperature and therefore consumes less than 200W.
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Figure 3.4: Circulator consumption function of the voltage analog input.

3.5 Measurements validation

Experimental campaigns are always subjected to measurement uncertainties which

are caused by limitations of the measuring instruments, reading errors or sensor

malfunctions. It is therefore of significant importance to perform measurement re-

dundancies to validate the test campaign.

The working fluid temperature at the inlet of the evaporator is not consistent with

the others measurements. As seen in Figure 3.5, the temperatures at the evapora-

tor inlet (1) and at compressor exhaust (5) seem incorrect. The evaporator inlet

temperature is above the saturation temperature computed from the evaporating

pressure. This temperature difference varies between 0 and 6◦C in the experimental
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Figure 3.5: TS diagram obtained with all the measurements.

campaign, as shown in Figure 3.6. This is not possible, either the temperature or

the pressure measurement is wrong. One can see in Figure 3.7 that the difference

between Tev,sf,ex and Tev,wf,su, called pinch point, is in some instances negative. The

pinch point is the minimum temperature difference between a hot and a cold stream

which limits the maximum heat that can be transferred in a heat exchanger. This

temperature difference equals to zero if the heat exchanger area is infinite. In prac-

tical applications, the pinch point can never reach zero and more than ever can not

be negative. Figure 3.7 therefore shows unrealistic measurements. Either the outlet

temperature of the glycol-water solution on the evaporator side or the evaporation

temperature measurement is wrong. The working fluid temperature at the inlet of

the evaporator shows inconsistency in both case, this measurement is therefore ques-

tioned

The temperature at the compressor exhaust is also not consistent with the other

measurements. The temperature at the compressor exhaust (5), as illustrated in

Figure 3.5, is lower than the temperature at the condenser inlet (6). Ideally, those

two temperatures should be equal. In a realistic situation, heat transfer occurs in

the four-way valve and the fluid is cooled down between the exit of the compressor

and the supply of the condenser. However, the opposite is shown on the graph.

One can see in Figure 3.9 that Tcd,wf,su is always higher than Tcmp,wf,ex and that

the temperature difference increases with the temperature at the compressor outlet.

Either Tcd,wf,su, Tcmp,wf,ex or both measurements are wrong. The electrical power

consumed by the compressor is compared to the work performed on the refrigerant

by the compressor which, as a remember, is calculated by:

Ẇmeasured = ṁref · (hcmp,ex − hcmp,su), (3.10)
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where hcmp,su is the exhaust enthalpy of the compressor, computed from the high

pressure Pcmp,ex and the exhaust temperature (i.e. Tcd,wf,su or Tcmp,wf,ex). The

comparison between the compressor consumption measured at the inverter and the

consumption calculated from cycle conditions, for both exhaust temperatures, are

shown in Figures 3.8a and 3.8b. It clearly demonstrates improper energy balance

when Tcmp,wf,ex is used for the exhaust temperature of the compressor, especially

at high power. Indeed, Figure 3.10 shows that Tcmp,wf,ex increases with the com-

pressor consumption while Figure 3.9 shows that the difference between Tcd,wf,su

and Tcmp,wf,ex) increases with Tcmp,wf,ex. Conversely, a proper heat balance on the

compressor is obtained when Tcd,wf,su is used as the temperature of the compressor

outlet.
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Figure 3.7: Pinch point at the evaporator.

The above discussion has shown inaccuracies for the temperatures at the evaporator

inlet and at the compressor exhaust. It is important to emphasize that those two

temperature measurements are taken on the copper tube surfaces while all the other

temperature sensors are displaced in immersion sleeves. This might be the reason

for the tremendous errors in those two measurements.

It has been decided not to further consider these erroneous readings from the sensors

mounted at the inlet of evaporator and outlet of the compressor. The temperature at

the evaporator inlet is estimated by knowing the evaporating pressure and by mak-

ing the assumption of an isenthalpic expansion (State 9 - 1 in Figure 3.5), the state
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Figure 3.8: Comparison between the compressor consumption measured at the

inverter and the consumption calculated from cycle conditions, based on Tex,cmp for

the exhaust temperature of the compressor (a), and based on Tcd,su for the exhaust

temperature of the compressor (b).

of the refrigerant before the EEV being known. The temperature at the compressor

exhaust is measured at the condenser inlet. The impact of the four-way valve can

therefore not be studied as the fluid state is unknown at its inlet.

Heat balances are performed on the two heat exchangers, by taking into account the

two temperature corrections. They are computed with Equation 3.11. This allows

comparing the heat transfer rates of the secondary fluid and refrigerant that take

place in the evaporator and the condenser. With accurate sensors, heat transfer

rates should be equal.

ṁwf (hwf,su − hwf,ex) = ṁsf · cpw (tsf,ex − tsf,su) . (3.11)

One can see in Figures 3.11a and 3.11b that consistent results are retrieved, the

maximum relative error being 8.13% and 10.52% for the condenser and evaporator

respectively.

Finally, a global energy residual is computed with Equation 3.12, where heat transfer

in the heat exchangers is assessed by knowing the state of the working fluid or of

the secondary fluid.

Resglobal = Ẇcmp + Q̇ev − Q̇cd (3.12)
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outlet, before and after the four-way valve.
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Figure 3.11: Condenser heat balance (a), and evaporator heat balance (b).

As shown in Figure 3.12a, the global energy residual computed with the working fluid

measurements is lower than 1000W and has a mean absolute value of 329.62W. The

order of magnitude of the residual is also the one of the heat losses to the ambiant

air calculated by the heat pump model in the next chapter. As the heat pump

produces between 20kW and 50kW, one can say that working fluid measurements

are reliable. The secondary fluids residuals are much greater, its mean absolute

value being 1605.1W. As a consequence, heat load in the two heat exchangers are

computed with the working fluid measurements in the following discussion.
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Figure 3.12: Working fluid residual (a), and secondary fluid residual (b).

3.6 Appropriate refrigerant charge

The heat pump performances are linked to the refrigerant charge if no buffer (i.e.

liquid receiver) is present in the system. Figures 3.13a and 3.13b illustrate the be-

haviour of the heat pump when being correctly charged and overcharged respectively,

with the same external conditions (i.e. same Tev,sf,su and Tcd,sf,ex). One can see in

Figure 3.13a that the condensing temperature is set close to Tcd,sf,ex. Figure 3.13b

shows that the condensation temperature is about 10◦C higher than in the appro-

priate charged heat pump. When the system is overcharged, the charge surplus sets

in the condenser in liquid state. The area used by saturated liquid increases at the

expense of the one used for latent heat transfer and subcooling therefore increases

from 5◦C to 24.5◦C. It can be observed that having a high subcooling rises the con-

densing pressure, which increases the consumed electrical power by the compressor.

As a matter of fact, the electrical power consumed by the compressor is 7607W when

the charge is 5.24kg and 9021W when the charge is 6.55kg, as seen in Table 3.2. It

is worth noting that the heat load of the condenser increases with subcooling as the

change in enthalpy rises. However, this positive impact is not important enough to

counterbalance the increase of the compressor work: COP is higher when an appro-

priate charge of refrigerant is added to the system.

When the optimum charge is added to the system, one can see in Figure 3.14a

that the subcooling is highly dependent on the conditions of the secondary fluid:

it increases with increasing Tcd,sf,ex and decreasing Tev,sf,su. Figure 3.14b shows

that subcooling also increases with the rotational speed of the compressor. The

appropriate refrigerant charge is found by minimising it while having liquid fluid
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Correctly charged Overcharged

Mass of refrigerant [kg] 5.24 6.55

Ẇelec [W] 7607 9021

Q̇cd [W] 37380 39131

COP [-] 4.575 4.065

Table 3.2: Characteristics of the heat pump when being correctly charged and

overcharged.

at the sight glass, i.e. entering the expansion valve. This is done at 40Hz with

Tev,sf,su=15◦C, this is necessary to ensure sufficient subcooling over the entire range

of HP working conditions.
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Figure 3.13: T-s diagram when the heat pump is correctly charged (a), and when

the heat pump is overcharged (b).
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Figure 3.14: Subcooling function of the secondary fluid temperatures when tap

water enters the condenser at 40Hz (a), and 50Hz (b).

3.7 Cycle performance

The heat pump cycle performance is assessed in terms of coefficient of performance

(COP). It should be noted that performances are only assessed in heating mode since

no experimentation was held in cooling mode. The coefficient of performance of the

heat pump defines the relationship between the heating or cooling power produced

by the heat pump, and the electrical power consumed by the compressor. COP

describes an energy efficiency: The higher the coefficient, the more efficient the heat

pump.

The performance map of the heat pump, with a compressor frequency of 40Hz and

in nominal condition (i.e. secondary fluid mass flow rate of 1.1kg/s), is displayed

in Figure 3.15. As expected, COP increases with increasing Tev,sf,su and decreasing

Tcd,sf,ex. An increase of the outlet temperature of the generated warm water leads

to a drop of the heat pump performances. The more the water is heated up, the

less efficient the system is. This explains the choice of selling the product for floor

heating. Moreover, the heat pump is a geothermal one. It allows taking advantage of

a relatively consistent evaporator supply temperature and therefore allows avoiding

a large COP fluctuation of air-source heat pump. As heating occurs most of the

time when the outdoor temperature is low, the ground temperature is nearly always

higher than the ambient temperature when the heat pump is turned on for floor

heating. In Belgium, ground temperature is approximately 10◦C, which brings the

COP for floor heating at 35◦C to a value of 4.43. The heat pump design has been
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Figure 3.15: Heat pump COP at 40Hz, in nominal conditions.

made to reach a COP of 5 with geothermal heat at 12◦C and a spline interpolation

allows to approximate the real COP obtained in those conditions, which is 4.72. The

actual COP is lower than the predicted one, even though the heat pump shows a

very efficient behaviour: for 1kW of electricity, the system produces 4.72kW of heat.

It is worth noting that the performances of the R1234yf heat pump at 50Hz, in

nominal conditions, could not be characterised even though it was planned. This is

due to the fact that one of the two Grundfoss circulators got broken and could not

be replaced on time to continue testing with preheated tap water in the condenser.

3.8 Compressor performances

The compressor performances are studied through the isentropic and volumetric ef-

ficiencies, defined by Equations 3.2 and 3.3 respectively.

Isentropic efficiency, with a mean value of 0.60, varies between 0.50 and 0.71. The

maximum values are reached for compression ratio around 3 and for compressor

frequency of 40Hz, as it can be seen in Figure 3.16a. Figure 3.16b shows that the

scroll compressor has low efficiency at low mass flow rate. Large deviations of the

efficiency at constant compression ratio or constant mass flow rate are observed.

A continuity between some points can be observed in both Figures 3.16a and 3.16b,

therefore it is studied in details to observe the impact of conditions variations. The

compressor efficiency depends directly on the condensing and evaporating pressures,

which are related to the secondary fluids properties. As the experimental campaign

was conducted by varying the secondary fluids temperatures, the isentropic efficiency
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is studied through Tev,sf,su and Tcd,sf,ex. The effects of the supply pressure is assessed

by the heat pump model in Chapter 4. The model has shown that the isentropic ef-

ficiency increases with increasing supply compressor pressure. One can see in Figure

3.17 that the source temperature is highly impacting the scroll efficiency: the higher

Tev,sf,su, the higher the isentropic efficiency. It can also be noted that εis increases

with Tcd,sf,ex before reaching at maximum. At design conditions (i.e. Tcd,sf,ex=35◦C

and Tev,sf,su=12◦C), the isentropic efficiency value is approximately 0.67 and hence

closed to the maximal value. The compressor is therefore working in optimum con-

ditions and well-chosen.
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Figure 3.16: Evolution of the isentropic efficiency with the pressure ratio (a), and

with the refrigerant mass flow rate (b).

The volumetric efficiency decreases with increasing compression ratio and decreasing

compressor frequency, as shown in Figure 3.18a. At high compression ratio, the

leakage flow between the outlet and inlet is high as the refrigerant is subjected to

a high pressure difference through a leakage area. Gazes undergo re-compression

and volumetric efficiency decreases. εvol is higher at a compressor frequency of 50Hz

than 40Hz. Mass flow rate is higher at high rotational speed and, as shown in Figure

3.18b, volumetric efficiency increases with ṁwf .
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Figure 3.17: Evolution of the isentropic efficiency with Tcd,sf,ex and Tev,sf,su at 40Hz

and in nominal conditions.
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Figure 3.18: Evolution of the volumetric efficiency with the pressure ratio (a), and

with the working fluid flow rate (b).

3.9 Heat exchangers performances

Heat transfer in the two heat exchangers is linearly correlated with the refrigerant

mass flow rate, as shown in Figures 3.19a and 3.19b. The thermal capacity is more

important when the compressor frequency is high. Indeed, ṁwf influences the heat

transfer and is directly proportional to the rotational speed, as N is the compressor
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rotational speed and ρsu the supply density:

ṁwf =
N

60
·Vs · ρsu, (3.13)
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ṁwf [kg/s]

Q̇
cd

[W
]

40Hz
50Hz

(a)

0.1 0.15 0.2 0.25 0.3
1

2

3

4
·104

Pev

P
cd
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Figure 3.19: Evolution of the condenser heat load (a), and of the evaporator heat

load (b) with the refrigerant mass flow rate .

The heat exchanger pinch points are an indication of its effectiveness. One can see

in Figure 3.20 that the evaporator pinch point varies between almost 0 and 7◦C at

50Hz, while it is almost constant and close to 3◦C at 40Hz. The maximum efficiency

of the heat exchanger is reached at the lowest evaporating temperature.

The thermal heat transfer in the condenser occurs at maximal efficiency when the

system is overcharged, as shown in Figure 3.21a. The condenser pinch point is only

dependent on the condensing temperature when a liquid receiver is used at the con-

denser outlet. In Figure 3.21b, it is seen that the condenser pinch increases with

Tev,sat. Figures 3.22a and 3.22b show the condenser pinch point as a function of

ṁwf and ṁsf,cd. One could see that the pinch increases with both mass flow rates

in the condenser. Noteworthy, the water flow rate is approximately constant in a

well-charged system with a 10K condenser water temperature lift, ṁcd is therefore

not influencing the HEX pinch. To conclude, the optimum heat transfer rates are

obtained in overcharged heat pump, or at low flow rate and evaporating temperature.

Subcooling at the condenser outlet is not impacted by the temperature conditions in

heat pumps including a liquid receiver, as indicated in Figures 3.23a and 3.23b. In

a well charged system at constant water flow rate (i.e. 1.1kg/s), subcooling slightly

38



CHAPTER 3. EXPERIMENTAL RESULTS

−15 −10 −5 0 5
0

2

4

6

8

Tev,sat [
◦C]

E
va
p
or
at
or

p
in
ch

[◦
C
]

40Hz
50Hz

Figure 3.20: Evolution of the pinch point with Tev,sat.
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Figure 3.21: Evolution of the condenser pinch point with the condensing

temperature (a), and with the evaporating temperature (b) (red: overcharged

system; green: well charged system with 1.1kg/s condenser water flow rate; orange:

well charged system with small condenser water flow rate; black: liquid receiver

added in the system with small condenser water flow rate).

decreases with increasing Tev,sat but is not fluctuating with Tcd,sat. In an overcharged

system or at low condenser secondary fluid flow rate, subcooling increases with

decreasing Tev,sat and increasing Tcd,sat
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Figure 3.22: Evolution of the condenser pinch point with the working fluid mass

flow rate (a), and with the secondary fluid mass flow rate (b) (red: overcharged

system; green: well charged system with 1.1kg/s condenser water flow rate; orange:

well charged system with small condenser water flow rate; black: liquid receiver

added in the system with small condenser water flow rate).
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Figure 3.23: Evolution of the subcooling with the evaporating temperature (a),

and with the condensing temperature (b) (red: overcharged system; green: well

charged system with 1.1kg/s condenser water flow rate; orange: well charged

system with small condenser water flow rate; black: liquid receiver added in the

system with small condenser water flow rate).
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3.10 Effect of high water temperature lift

As previously introduced, a high water temperature lift is reached at small water

flow rate. This allows, at a constant water outlet temperature, to decrease the in-

let water temperature. In this test bench, it is done by supplying the condenser

directly with tap water, without preheating (i.e. without recirculation of the exit

water). The supplied water temperature varies between 8.5 and 12.5◦C and has a

mean value of 10.3◦C. The water flow rate is therefore adjusted to reach the desired

outlet secondary fluid temperature. The comparison between a 10K lift (i.e. nom-

inal case) and high water temperature lift is made through TS diagrams, shown in

Figures 3.24a and 3.24b. Few observations can be made: the condenser and evapo-

rator heat loads increase with lift, while the condensing pressure decreases. Those

observations are detailed below.
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Figure 3.24: TS diagram in nominal conditions (i.e. preheated tap water entering

the condenser) (a), and TS diagram with tap water entering the condenser without

being preheated (b).

As previously seen on the TS diagram, Q̇cd is higher at small water flow rates, except

for some testing points at Tev,sf,su=15◦C. The heat pump is therefore providing more

thermal heat at small ṁsf,cd. One can remark, in Figure 3.25a, that the condenser

heat load is not influenced by the water flow rate when the temperature water lift

is high. The heat transfer between the cold and hot fluid in the evaporator also

increases with decreasing water lift, as shown in Figure 3.25b. The increases in Q̇cd

and Q̇ev benefits the heat pump performances if the needed compressor power does

not increase.
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Figure 3.25: Evolution of the condenser heat load (a), and of the evaporator heat

load (b) with the condenser water mass flow rate

Another important observation on the TS diagram was the decrease in the condens-

ing saturation temperature. One can see in Figure 3.26a that this decrease is even

more significant at high Tcd,sf,ex, it can reach up to a 5K difference. The condensing

pressure, proportional to the condensing temperature, also decreases and the com-

pression work supplied by the scroll compressor drops at high water temperature

lift, as shown in Figure 3.26b.

The beneficial effects of a high water temperature lift on both the produced thermal

power and consumed electrical power have a positive impact on the coefficient of

performance. Figure 3.26c shows the COP as a function of Tcd,sf,ex with different

values of Tev,sf,su. The COP for a heat pump supplied by a small ṁsf,cd is always

higher than the one supplied with a water flow rate equal to 1.1kg/s. This difference

is particularly striking at low Tev,sf,su and high Tcd,sf,ex. To conclude, the more

extreme the conditions, the higher achieved benefits with a small condenser flow

rate.
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Figure 3.26: Evolution of the condensing temperature (a), of the compressor work

(b), and of the COP with Tcd,sf,ex ( green: well charged system with 1.1kg/s

condenser water flow rate; orange: well charged system with small condenser water

flow rate).

3.11 Effect of superheat

During the experimental campaign, the controller of the electronic expansion valve is

configured to reach a superheat of 5◦C. In order to confirm this choice, the effect of

three values of superheat is studied in the following section, i.e. 5◦C, 15◦C and 20◦C.

One can see in Figure 3.27a that high values of superheat tend to decrease the ther-

mal power at the evaporator. At first sight, this statement is counter-intuitive as a
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higher superheat should imply a higher heat load in vapour state, in addition to the

one in two-phase state. As observed in Figures 3.27b and 3.27c, the evaporator exit

temperature of the refrigerant is yet increasing with superheat, but the evaporating

temperature is decreasing. As stated before, a lower Tev,sat is correlated with lower

evaporator heat load.
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Figure 3.27: Variation of the evaporator heat load (a), of the evaporating

temperature (b), and of the working fluid evaporator exhaust temperature (c) with

different values of superheat.

As shown in Figure 3.28a, the compressor work is almost independent of the super-

heat value, even though the supply temperature of the compressor changes. As the
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heat pump consumes the same amount of electrical power but extracts less heat at

higher superheat, the produced thermal power at the condenser is lower. As a result,

the coefficient of performance of the heat pump decreases with the superheat, as seen

in Figure 3.28b. A five degrees superheat at the evaporator outlet is therefore an

appropriate set point for the expansion valve controller. A lower value could damage

the compressor as it could result in liquid refrigerant droplet at its inlet.
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Figure 3.28: Variation of the compressor work (a), and of the heat pump coefficient

of performance (b) with different values of superheat.

Figure 3.29 describes the variation of the subcooling with different values of super-

heat , it shows that the subcooling at the condenser outlet increases with superheat.

This can be explained by a higher area used by vapour in the evaporator, at the

expense of the two-phase refrigerant. Less refrigerant is needed in the evaporator as

working fluid in vapour phase has a lowest density than in two-phase. The excess of

refrigerant therefore migrates to the condenser which increases the subcooling.

Due to the many pressure losses in the liquid line, this specific heat pump is highly

sensitive to subcooling: it should, at anytime, be sufficient to ensure liquid is supply-

ing the expansion valve. If vapour bubbles appear in the sight glass, a solution could

be to increase the superheat setpoint of the controller, in cases where refrigerant can

not be added to the system.
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Figure 3.29: Variation of the subcooling with different values of superheat.

3.12 Impact of a liquid receiver

Analysing the impacts of a liquid receiver is of major importance to design a heat

pump. Adding a liquid receiver has many advantages as it can meet fluctuations in

the system by acting as a cushion. One can see in Figure 3.30 that Tcd,sf,ex oscillates

around the desired temperature (i.e. 50◦C) with a significant amplitude when the

system does not include a liquid receiver. As shown in Figure 3.31, the heat pump is

much more stable when a liquid receiver is added after the condenser, only some small

oscillations are observed. Figure 3.32 shows the difference between the maximal and

minimal temperature of Tcd,sf,ex observed during each test. Without a buffer, this

difference increases with Tcd,sf,ex and reaches a maximum value of 7.17◦C. Those

temperature variations are passed on pressure, mass flow and therefore compressor

work. It might cause damage to the heat pump components. With a receiver, the

temperature oscillation has a maximum amplitude of 2.4◦C, with a mean value of

1.2◦C.

The previous results have shown the importance of adding a liquid receiver to a

heat pump. However, it also adds complexity to the system. The liquid receiver

needs an extra amount of refrigerant (i.e. 3.87 kg) which adds up non-negligible

extra cost. It is worth noting that the liquid receiver was oversized, less refrigerant

should be added in a well-sized receiver. Besides, receiver leads to zero subcooling if

it is partially filled [46] and, in many applications, a subcooler is required to ensure

liquid fluid in the expansion valve. It was not possible to add one and the heat

pump has been tested with a liquid receiver but without a subcooler. However,

large fluctuations were observed, as it is detailed below. It has been decided to try

to subcool the refrigerant inside the liquid receiver, by immersing it inside a bucket

where freshwater was added.
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Figure 3.30: Temperatures evolution without liquid receiver.

0 100 200 300 400 500 600 700 800 900 1,000

0

20

40

60

Time [s]

T
em

p
er

at
u
re

[°C
] Tev,sf,ex

Tev,sf,su

Tcd,sf,su

Tcd,sf,ex

Figure 3.31: Temperatures evolution with liquid receiver.
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temperature Tcd,sf,ex.
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The evolution of the subcooling at the condenser outlet and at the receiver outlet is

displayed in Figure 3.33. Testing is performed from 0 to 500s without adding fresh

water to the bucket, i.e. the liquid receiver is only surrounded by air. One can ob-

serve large fluctuations of the subcooling at the receiver outlet, with a value between

0.8 and 11.4◦C. Refrigerant is always leaving the receiver in liquid saturated state

but loses some subcooling in the liquid line due to pressure losses. The expansion

valve is therefore periodically provided with a two phases fluid. As it can be seen

in Figure 3.34, the EEV opening degree fluctuates between 40 and 100% when the

receiver is not cooled down. After 500s, tap water is supplied to the bucket, around

the liquid receiver. The system then reaches a stabilized state, as it can be observed

in Figures 3.33 and 3.34. This heat pump can therefore not work properly with a

liquid receiver if the refrigerant is not subcooled inside the receiver or with a sub-

cooler. It should be noted that the liquid receiver has been oversized (i.e. 20l instead

of 6-8l) due to high delays time for smaller receiver purchase order. The oversized

receiver might be a reason for the loss of subcooling. Indeed, a receiver is filled

with both vapour and liquid refrigerant. At the liquid-vapour interface, the refriger-

ant is saturated. Below this interface, the refrigerant is subcooled. The refrigerant

leaves the receiver toward the bottom through an immersion tube and the work-

ing fluid can be subcooled at the outlet. As the receiver is oversized, vapour fluid

is filling up most of the volume and the refrigerant looses almost all of its subcooling.

Figure 3.35 shows the variation of the coefficient of performance when a liquid re-

ceiver is added in the heat pump. The COP decreases with a receiver, especially at

high values of Tcd,sf,ex and low values of Tev,sf,su. This can be explain by the loss of

subcooling when a receiver is added, as it can be seen in Figure 3.36. As subcool-

ing decreases, the condensing thermal power is reduced and, because the electrical

consumption remains constant (i.e. constant condensing and evaporating pressures

are shown on the graphs), the COP decreases. It is worth noting that heat losses

occur in the receiver because of the freshwater added to the bucket to subcool the

refrigerant. These losses are also responsible of the COP reduction.
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Figure 3.33: Evolution of the subcooling when the refrigerant is subcooled inside

the liquid receiver.
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Figure 3.36: TS diagram without a liquid receiver (a), and TS diagram with a

liquid receiver (b).
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Chapter 4

Semi empirical model of the heat

pump

The performances of this 50kWth heat pump are predicted with a semi-empirical

model. The individual components are first modelled and then the complete model

of the heat pump is detailed. A validation of the model followed by an analysis of

the compressor through its model are presented.

4.1 Literature review

Heat pump models can be categorised into three mains groups: deterministic (white-

box), semi-empirical (grey-box) and empirical (black-box) models.

Deterministic models allow predicting the performances of heat pumps by describing

the physics of the processes within the vapour compression cycle. They provide high

accuracy and have been widely used in the 1970s ( Hiller and Glicksman in 1976

[47], Ellison et al. in 1976 [48]). However, the accuracy is obtained at the expense

of complexity and computational time.

Empirical models are based on correlations derived, by curve fitting or regression

analysis, from experimental data. The physical heat transfer and compression mech-

anisms are not considered. Black-box models are simplistic solutions that offer very

fast calibration and execution speeds [49] [50]. However, the accuracy of the predic-

tion drops in extrapolated conditions [51].

Semi-empirical models are a combination of empirical and deterministic models. The

heat pump performances are predicted through physical equations and empirical

parameters, only by describing the most impacting physical processes of the vapour

compression cycle. It allows getting fast computational time while having good

accuracy and extrapolation capabilities.
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4.2 Components modelling

4.2.1 Compressor

The scroll compressor model is based on the ones developed by Winandy et al [52],

Ransy et al [53] and Dickes et al [46] which describe the compression through ther-

modynamic transformations. The compression process is decomposed into six main

stages, as shown in Figure 4.1:

1) Isobaric heating-up (su → su1),

2) Isobaric mixing between supply and leakage flows (su1 → su2),

3) Isentropic compression (su2 → ad),

4) Isochoric compression (ad → ex2),

5) Isenthalpic pressure drop (ex2 → ex1),

6) Isobaric cooling down (ex1 → ex)

2
su

suQ̇

su

exQ̇

Fictious isothermal envelope at temperature T

leak

in

ad

2
ex

1
ex

ṁ cmp

ex

w

s=cte V=cte

ṁ

ṁ
1

su

Figure 4.1: Conceptual schema of the compressor model.

• Isobaric supply heat transfer:

The compressor is subjected to various heat transfer processes such as the

ones between the refrigerant and the compressor shell, between the shell and

the ambient air and the one provided by electromechanical losses. A fictitious

isothermal envelope at temperature Tw is introduced to represent the compres-

sor metal mass.

The isobaric heat transfer undergone by the refrigerant at the entrance of the

compressor is described by the ε−NTU method, with the following equations:

Q̇su = ṁcmp (hsu1 − hsu) = εsuṁcmpcp,su (Tw − Tsu) , (4.1)
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εsu =

1− e

 −AUsu

ṁcmpcp,su

 , (4.2)

AUsu = AUsu,n

(
ṁcmp

ṁcmp,n

)0.8

, (4.3)

ṁcmp,n = Vs · ρn(Tref ) ·
Nref

60
. (4.4)

Four parameters are introduced: the nominal supply heat transfer coefficient

AUsu, the swept volume of the scroll compressor Vs and the nominal temper-

ature (Tref ) and rotational speed (Nref ).

• Isobaric mixing between supply and leakage flows:

Scroll compressors are subjected to two kinds of leakage flows: one through the

axial clearance and one through the radial clearance [54]. The axial leakage

occurs between the flanks of the fixed and orbiting scrolls while the radial

leakage occurs between the plates and the scrolls, as shown in Figure 4.2. The

two leakage flows are modelled as one fictitious leakage through a convergent

nozzle of cross-sectional area Aleak, as shown in Figure 4.1.

Figure 4.2: Axial and radial leakages [1].

The leakage flow is defined by combining the mass and energy conservation

equations through the nozzle:

ṁleak = Aleak ρ (sex 2, Pthr)
√

2 [hex 2 − h (sex 2, Pthr,leak )], (4.5)

where the throat pressure Pthr, defined by Eq. 4.6, corresponds to the maxi-

mum of the supply pressure Psu1 and the critical pressure which is computed

by considering the working fluid vapour as a perfect gas.

Pthr,leak = max (Psu1, Pcrit) = max

Psu1, Pex2

(
2

γex2 + 1

) γex2
γex2 − 1

 (4.6)
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The internal mass flow rate ṁin is proportional to the density of R1234yf after

the isobaric mixing ρsu2, to the swept volume of the scroll compressor Vs and

to the rotational speed of the compressor N , as shown in Eq. 4.7:

ṁin = ρsu2Vs
N

60
. (4.7)

The condition of the fluid before the isentropic compression can be obtained by

considering an isobaric mixing between the supply and leakage flow, described

with the two following equations:

ṁin = ṁcmp + ṁleak

ṁinhsu2 = ṁcmphsu1 + ṁleakhex2
(4.8)

One parameter is introduced and needs to be determined: Aleak.

• Isentropic and isochoric compression:

The compression subjected to the refrigerant, inside a scroll compressor, is

modelled first with an isentropic compression up to an adapted pressure Pad

and then with an isochoric compression.

The adapted pressure is estimated via the adapted entropy (sad = ssu2) and

the adapted specific volume υad, defined by Equation 4.9.

υad =
υsu2
rv,in

, (4.9)

where rv,in is the built-in volume ratio of the machine, a parameter which needs

to be determined.

If the adapted pressure Pad is different than Pex2, the compressor is not adapted

to the given pressure ratio and the fluid is then compressed or expanded at

constant volume to reach the appropriate exhaust pressure.

The isochoric compression work undergone by the fluid is described by:

Wv = υad · (Pex2 − Pad) (4.10)

The total compression work Ẇin is the sum of the isentropic compression work

Ẇs and the isochoric compression work Ẇv.
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• Isenthalpic pressure drop:

The internal discharge pressure Pex2 introduced for the isentropic compression

is determined by knowing the exhaust pressure Pex and the isenthalpic pres-

sure drop at the outlet of the compressor. The pressure drop is computed by

considering an isentropic flow through a simply convergent nozzle, as done for

the leakage flow. Then, we have:

ṁcp = Adisρ (sex2, Pthr,dis)
√

2 [hex2 − h (sex2, Pthr,dis)], (4.11)

Pthr,dis = max

Pex, Pex2

(
2

γex2 + 1

) γex2
γex2 − 1

 , (4.12)

where Adis, the fictious discharge throat area, is a parameter to identify.

• Isobaric exhaust heat transfer:

The fictious discharge heat transfer is modelled as the suction heat transfer.

The same equations than for the supply heat transfer therefore apply:

Q̇ex = εexṁcmpcp,ex1 (Tw − Tex1) (4.13)

εex =

1− e

 −AUex

ṁcmpcp,ex1

 (4.14)

AUex = AUex,n

(
ṁcmp

ṁcmp,n

)0.8

(4.15)

• Heat balance over the compressor

As steady-state conditions are assumed, a global energy balance can be stated:

Ẇloss − Q̇ex − Q̇su − Q̇amb = 0, (4.16)

where Ẇloss and Q̇amb are the mechanical losses and the ambiant losses respec-

tively.

Ambient losses are computed by Equation 4.17. A new parameter is introduced

and needs to be identified: AUamb, the global heat transfer coefficient between

the compressor and the environment.

Q̇amb = AUamb · (Tw − Tamb), (4.17)
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Mechanical losses are modelled via two terms:

Ẇloss = Ẇloss,0 ·
(

N

Nref

)2

+ α · Ẇin. (4.18)

The constant electro-mechanical loss term Ẇloss,0 and the factor of proportion-

ality α are positive parameters to be identified.

Eleven parameters have been introduced by the compressor model. One is given by

the manufacturer (Vs=347.8cm3), two are fixed arbitrarily (Tref=5◦C, Nref=3000rpm)

and the other parameters need to be determined from the experimental data. A

multivariate optimization is performed with the MATLAB fmincon function so as

to minimise a global error residual E:

E =

√√√√√ 1

n
·

n∑
i=1

(Ẇpred,i − Ẇmeas,i

Ẇpred,i

)2

+

(
Ṁpred,i − Ṁmeas,i

Ṁpred,i

)2

+

(
hex,pred,i − hex,meas,i

hcex ,pred,i

)2


(4.19)

The values of the parameters obtained after calibration are given in Table 4.1.

Supply heat transfer coefficient AUsu 63.9W/K

Leakage area Aleak 2.05mm2

Built-in volume ratio rv,in 3.12

Discharge area Adis 404.63mm2

Exhaust heat transfer coefficient AUex 514W/K

Heat transfer coefficient with the ambient AUamb 7.51W/K

Electro-mechanical loss term Ẇloss,0 1256 W

Loss factor of proportionality α 0.22

Table 4.1: Identified parameters of the compressor model

4.2.2 Heat exchangers

The evaporator and condenser are both brazed plate heat exchangers, they are there-

fore modelled in the same way. The heat exchangers are considered counterflow and

their geometric characteristics provided by SWEP are listed in Table 4.2. As it

can be seen, the manufacturer only provides few information and assumptions are

made. Table 4.3 shows the assumptions that have been made, according to the

nomenclature represented in Figure 4.3. The assumptions are made by using the
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Condenser Evaporator

Plate length Lp 0.470m 0.470m

Plate width Lw 0.119m 0.119m

Number of plates Np 66 84

Table 4.2: Geometric characteristics of the heat exchangers provided by the

manufacturer SWEP.

Plate pitch p 0.00152m

Chevron angle β 60◦

Enlargement factor φ 1.22

Plate thickness t 0.4mm

Table 4.3: Hypothetical geometric characteristics of brazed plate heat exchangers.

Figure 4.3: Nomenclature of the brazed plate heat exchangers [2]

characteristics of the brazed plate heat exchanger used by Ransy (2020) [53].

The heat exchanger is modelled by means of three zones, depending on the refrigerant

state: vapour (v), two-phase (tp) and liquid (l). The total heat transfer in the heat

exchanger is the sum of the thermal powers in each zone. The heat transfer rate in

each zone are computed as:

Q̇hex,i = ṁwf (hwf,su,i − hws,cx,i)

Q̇hex,i = ṁsfcpsf (Tsf,ex,i − Tsf,su,i)
Q̇hex,i = AiUi∆Tlog ,i

 i = v, tp or l, (4.20)
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where ∆Tlog is the logarithmic mean temperature difference between the secondary

fluid and the working fluid. Ai and Ui are the heat transfer area and the overall heat

transfer coefficient of each zone, respectively.

The overall heat transfer coefficient can be computed with Equation 4.21 by intro-

ducing the plate thickness t, the thermal conductive coefficient of the plates kp and

the convective heat transfer coefficient of the secondary fluid hi,sf and of the working

fluid hi,wf . The conductive heat transfer coefficients are computed with the corre-

lation proposed by Martin [55] for the secondary fluid and in the liquid and vapour

zone for the refrigerant, while the correlations proposed by Longo [56] and [57] are

used for the refrigerant condensation and evaporation respectively.

Ui =
1

1

hi,sf
+ d t

kp
+

1

hi,wf

 i = v, tp or l, (4.21)

To close the system of equations, the sum of the heat transfer areas of each zone is

equal to the total heat transfer area of the condenser or evaporator, computed with

the geometric characteristics of the heat exchanger:

Al + Atp + Av = (Np − 2) ·Lp ·Lw (4.22)

4.2.3 Heat pump modelling

The compressor and heat exchangers models are interconnected to build the heat

pump model. It is important to note that the expansion in the electronic expansion

valve is assumed isenthalpic (i.e. hex,cd=hsu,ev) and that the four-way valve is consid-

ered ideal (i.e. without heat transfer, pressure losses neither leakage flows). Pressure

drops and ambient heat losses in the pipings are neglected as well. The heat pump

model iterates on the evaporating pressure Plp and the condensing pressure Php in

order to minimize the following residuals :

Res1 = 1− Pev

Psu,cmp

, (4.23)

Res2 = 1− Pex,cmp

Pcd

. (4.24)

The architecture of the heat pump model is shown in Figure 4.4
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Figure 4.4: Architecture of the heat pump model.

4.3 Model validation

The heat pump model is validated by comparing the predicted values with the

measured ones. For this purpose, the sub-models of the condenser, evaporator and

compressor are run by providing the testing values as inputs. The achieved results of

the sub-models are then compared with the experimental results that were measured

during testing.

4.3.1 Condenser sub-model

The condenser receives as inputs the secondary fluid supply temperature and mass

flow rate and the working fluid supply temperature and mass flow rate. Figures 4.5a

and 4.5b show the comparison between the predicted and measured heat transfer

and condensing pressure respectively, when the measured subcooling value is given

to the subcooling parameter. The heat transfer rate in the condenser is determined

with an accuracy of 2.6% and the condensing pressure with an accuracy of 7.6%.

The model is therefore correctly predicting the condenser behaviour.

However, using the measured subcooling value is too much of a hypothesis. The

subcooling at the outlet of the condenser is therefore imposed at one fixed value,

depending on the working conditions of the heat pump. As discussed in Section 3.9,

subcooling remains constant at approximately 5K when a liquid tank is used, while

it is steady around 10K when the system is supplied with a 1.1l/s condenser water

flow rate. When this mass flow rate is smaller than 1.1l/s, subcooling varies between

10 and 35K. Finally, ∆Tsc oscillates between 20 and 45K when the heat pump is

overcharged. The values of the subcooling for the condenser model are functions of

those four situations, as shown in Table 4.4.

One can see in Table 4.4, in Figure 4.6a and in Figure 4.6b that the heat rate in
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Figure 4.5: Comparison between predicted and measured heat transfer in the

condenser (a), and between predicted and measured condensing pressure (b) when

subcooling is assumed well known.

Situation Subcooling error(Q̇cd) error(Pcd)

HP with liquid tank 6K 12.4% 21.9%

Well charged HP, ṁcd=1.1kg/s 9K 5% 8.3%

Well charged HP, small ṁcd 15K 11.9% 19%

Overcharged HP 30K 17.1% 26.4 %

Table 4.4: Subcooling and error of Q̇cd and Pcd for the condenser sub-model.

the condenser is well estimated. The condensing pressure has higher absolute error

(i.e. up to 26.4%), especially when the system is overcharged or provided with a

liquid tank. The predictions of the model are highly accurate when the system is

well charged and with a 10◦C water glide (i.e. in green).

4.3.2 Evaporator sub-model

The evaporator sub-model is predicting the evaporator heat transfer rate with ex-

treme precision, as shown in Figure 4.7a. Indeed, the maximal error on Q̇ev is only

1.8% when the superheat is imposed equal to 5◦C. The evaporating pressure is

showing less accuracy as it is predicted with a 16% error. Figure 4.7b reveals that

Pev is overpredicted in most cases.
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Figure 4.6: Comparison between predicted and measured heat transfer in the

condenser (a), and between predicted and measured condensing pressure (b) (red:

overcharged system; green: well charged system with 1.1kg/s condenser water flow

rate; orange: well charged system with small condenser water flow rate; black:

liquid receiver added in the system with small condenser water flow rate).

4.3.3 Compressor sub-model

Figure 4.9a shows the prediction of refrigerant mass flow rate by the compressor

sub-model. The working fluid mass flow rate is very well predicted (i.e. with a 6.3%

error). The compressor work, shown in Figure 4.8, is even better predicted: the

results are accurate within ±5.2 percentage points. It can be seen in Figure 4.9b

that the prediction of the compressor exhaust temperature is less accurate, it tends

to be slightly underestimated, which means that, for those points, the compressor

efficiency is overestimated. Tex,cmp is predicted within an error of ± 16.7◦C. The

compressor efficiencies are well predicted, as shown in Figures 4.10a and 4.10b:

the maximum errors on isentropic and volumetric efficiencies are 8.5% and 6.3%

respectively.

4.3.4 Heat pump model

The heat pump model developed on MATLAB allows predicting the performance

of the R1234yf heat pump, eventhough the predicted values are subjected to prop-

agation of errors. However, as shown in Table 4.5 and in the following figures,
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Figure 4.7: Comparison between predicted and measured heat transfer in the

evaporator (a), and between predicted and measured evaporating pressure (b).
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Figure 4.8: Comparison between predicted and measured compressor work.

the accuracy of the predictions is highly dependent on the testing conditions. The

model gives the least desirable results when the system is overcharged while the

predicted performances show high accuracy when a liquid tank is added to the heat
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Figure 4.9: Comparison between predicted and measured refrigerant mass flow rate

in the compressor (a), and between predicted and measured compressor exhaust

temperature (b).

pump. As shown in Figures 4.11, evaporation and condensation pressure are well

predicted, except Pcd which shows large scattering predictions when the heat pump

is overcharged. According to Figures 4.12, the thermal power in the evaporator and

condenser are both predicted with large deviations at high power, the thermal loads

being over-predicted. The predictions of the compressor work are highly accurate

when the heat pump works in nominal conditions (i.e. well charged HP and con-

denser mass flow rate of 1.1kg/s) and when a liquid tank is used, the maximal error

being 3.5% and 5.9%, respectively. However, the prediction of Ẇcmp are weak for an

overcharged system, as depicted in Figure 4.13a. Finally, the predicted coefficients

of performances show large deviations to the measured ones, with maximum error

of 31%. COP is overestimated, as shown in Figure 4.13b. The results are still con-

sidered satisfactory with regard to the various tested conditions.
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Figure 4.10: Comparison between predicted and measured compression isentropic

efficiency (a), and between predicted and measured compression volumetric

efficiency (b).

Overcharged HP
Well charged HP,

ṁcd=1.1kg/s

Well charged HP,

small ṁcd

HP with

liquid tank

E(Pev) [%] 15.6 9.5 4.9 10.1

E(Pcd) [%] 26.6 3.6 12.4 7.8

E(Q̇ev) [%] 21.2 25.6 21.9 11.9

E(Q̇cd) [%] 15.1 15.8 15.7 9.7

E(Ẇcmp) [%] 20.7 3.4 11 5.9

E(COP ) [%] 31 22 14.8 17.2

Table 4.5: Maximal errors of the heat pump model.
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Figure 4.11: Comparison between predicted evaporating pressure (a), and

condensing pressure (b) by the heat pump model (red: overcharged system; green:

well charged system with 1.1kg/s condenser water flow rate; orange: well charged

system with small condenser water flow rate; black: liquid receiver added in the

system with small condenser water flow rate).
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Figure 4.12: Comparison between predicted evaporating thermal power (a), and

condensing thermal power (b) by the heat pump model (red: overcharged system;

green: well charged system with 1.1kg/s condenser water flow rate; orange: well

charged system with small condenser water flow rate; black: liquid receiver added

in the system with small condenser water flow rate).
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Figure 4.13: Comparison between predicted compressor work (a), and heat pump

COP (b) by the heat pump model (red: overcharged system; green: well charged

system with 1.1kg/s condenser water flow rate; orange: well charged system with

small condenser water flow rate; black: liquid receiver added in the system with

small condenser water flow rate).
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4.4 Compressor analysis

4.4.1 Effect of the compressor losses on the isentropic efficiency

Considering the high efficiencies accuracy of the compressor sub-model (i.e. maxi-

mum error of 8.5% and 6.3% for the isentropic and volumetric efficiencies, respec-

tively), this sub-model is used to illustrate the losses of the Danfoss SY240 scroll

compressor.

Figure 4.14a shows the evolution of the isentropic compressor efficiency with the

compression ratio (i.e. at fixed inlet pressure with varying outlet pressure) and the

different losses. A scroll compressor is characterised by a fixed internal volume ratio

rv,in which is responsible for the loss in isentropic efficiency at low and high com-

pression ratio. In fact, the isentropic compression is followed by an expansion or

a second compression, at constant volume and not a constant efficiency, up to the

needed pressure. The more the fluid is compressed outside of the design conditions,

the less efficient the compression process. The electromechanical losses are responsi-

ble for a significant drop in isentropic efficiency. The impact of those losses is higher

at high rotational compressor speed. It can also be seen that the leakage flows have

higher effects at high compression ratio, eventhough their impacts on the isentropic

efficiency is low. The impact of the pressure drop at the compressor exhaust is neg-

ligible and is therefore not shown on the graph.

2 3 4 5 6 7 8
0.4

0.6

0.8

1

1.2

rp [−]

ε s
[−

]

50Hz
40Hz

Ideal case

rv,in

rv,in+Ẇloss
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Figure 4.14: Effect of the compressor losses on the isentropic efficiency (a) and

volumetric efficiency (b).

67



CHAPTER 4. SEMI EMPIRICAL MODEL OF THE HEAT PUMP

Figure 4.14b illustrates the effect of the compressor losses on the volumetric effi-

ciency. One can see that the fixed internal volume ratio does not impact εvol. The

electromechanical losses and the leakage flow are highly impacting the volumetric

efficiency, especially at high compression ratio. Figure 4.14b also shows volumetric

inefficiencies at a rotational speed of 40Hz.

4.4.2 Effect of the pressure ratio on the isentropic efficiency

The compressor sub-model is used to characterise the impact of the supply compres-

sor pressure on the isentropic efficiency, as the experimental campaign aimed to keep

Tev,sf,su constant rather than Psu. Figure 4.15 shows that the isentropic efficiency

increases with increasing supply compressor pressure and reaches a maximum at

intermediate compression ratio.
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Figure 4.15: Variation of the isentropic efficiency with the compressor pressure

ratio, for three value of supply pressure.

4.4.3 Comparison with Danfoss predictions

The experimental results can not be directly compared to the predicted results from

the compressor manufacturer as data are provided for R134a and not for currently

used R1234yf. Using the compressor sub-model, it is however possible to compare

the predicted electrical work and refrigerant mass flow rate with the Danfoss data.

The results obtained with the same operating conditions (i.e. R134a refrigerant,

superheat of 8K and subcooling of 2K) are shown in Figures 4.16a and 4.16b. One

can see that Danfoss has overpredicted the electrical consumption while the mass
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flow rate is well predicted, except at high condensing temperature.
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Figure 4.16: Comparison between the manufacturer predictions (dashed lines) and

the compressor sub-model (plain lines) for the compressor work (a), and the

refrigerant mass flow rate (b).
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Perspectives

Uncertainties and inaccuracies have been identified concerning the experimental

campaign and the heat pump modelling. The perspectives and improvements of

this work are various:

• The first analysis of the experimental campaign has shown uncertainties in

some temperature measurements. In fact, an analysis of the temperatures

at the evaporator inlet and compressor exhaust has demonstrated that those

measurements were aberrant and were therefore neglected. A set of new sensors

should be installed on the heat pump unit to validate this assumption and to

exactly know the state of the fluid at the compressor exhaust (i.e before the

four-way valve).

• A total of 6 pressure sensors are installed on the test bench, as shown in

Figure 2.1, to precisely characterise the states undergone by the working fluid.

However, the accuracy level of the sensors is too low to quantify the pressure

drops of the system. In fact, the measurements indicate a mean pressure

rise of 6000Pa in the condenser which is physically impossible. Differential

pressure transmitters could be installed around the four-way valve and the heat

exchangers. Those elements should then be modelled to reach higher accuracy

in the predicted values. The system has also shown refrigerant bubbles at the

entrance of the electronic expansion valve even with subcooling around 5K at

the condenser outlet. Adding a differential pressure transmitter in the liquid

line would give information on the pressure losses undergone by the refrigerant

and the prediction of the subcooling loss would therefore be possible.

• The experimental campaign has shown that the subcooling has a high impact

on the heat pump performance. However, the subcooling could not be directly

influenced. Adding a subcooler in the heat pump would allow to characterise

its impact on the COP and evaluate the optimal subcooling.

• The optimal mass of refrigerant has been chosen by minimizing it while keep-

ing enough subcooling to ensure saturated liquid at the inlet of the electronic
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expansion valve. It would be of interest to investigate the heat pump perfor-

mances under various refrigerant charges.

• The heat pump has been manufactured to work both on heating and cooling

mode. However, the system needs improvements to be completely reversible.

In fact, the liquid receiver and the electronic expansion valve locations are not

suitable for the cooling mode. The liquid line should be completely re-designed.

• Fluctuations of the thermodynamic quantities have been measured during the

test campaign, even with a liquid receiver in the system. It has been no-

ticed that the temperature at the evaporator outlet, measured by the sensor

of the EEV controller, was oscillating while the thermocouple measurement

was steady at the same location. These temperature oscillations have led to

fluctuations in the EEV opening degree and therefore in the whole system.

The sensor has been changed once without significant improvements, further

investigation is therefore required.

• Liquids receiver are sized on the basis of the total refrigerant load and selected

with an internal volume 20% bigger. Considering a refrigerant charge of 5.25kg

and the R1234yf density (i.e. 1.1 g/cm3), a liquid receiver of 6 to 8 litres should

have been added in the system. However, due to high delays time associated

to the appropriate sized one, a liquid receiver of 20l was mounted on the heat

pump. Tests with a well-sized receiver should be performed.

• The test bench has been equipped with various and expensive sensors. In

a commercial heat pump, the final cost is a critical issue. A study should

be performed to assess the essential sensors for the good functioning of the

system. A stand-alone control of the heat pump should also be implemented.

• The compressor rotational speed can vary between 2400 and 3600rpm but

tests have only been performed at 2400 and 3000rpm. The electrical installa-

tion should be reviewed to allow higher current to test the system at higher

rotational speeds.

• The heat pump has shown to be highly charge-sensitive. The refrigerant charge

effect should be deeply studied to allow good modelling of the system.

• The heat pump model imposes the value of the subcooling and overheating.

A fixed overheating has shown good results as the controller of the expansion

valve keeps the overheating value constant. However, the subcooling is highly

dependent on the testing conditions and imposing its value has shown inaccu-

racy in the performance predictions. Studies should be performed to correctly

predict the subcooling value, or the model should be adjusted.
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Conclusion

The heat pump industry is constantly renewing itself, in a ceaseless research of en-

vironmentally friendly refrigerant. HFO-1234yf is a hydrofluoro-olefin refrigerant

and a successor of high-GWP refrigerants. R1234yf is already used as a drop-in

replacement of R134a in automotive applications, but researches are still conducted

to assess its performances in heating and cooling applications. This study aimed to

characterise and predict the performances of a water-to-water R1234yf heat pump.

A performance map was determined in nominal conditions. The behaviour of the

system was then studied under changing temperatures and compressor rotational

speeds. The impact of the refrigerant charge, the subcooling, the overheating and a

liquid receiver was also assessed. Finally, a semi-empirical model was developed to

predict the heat pump performances.

A test bench was built and fully equipped with sensors. The components mounted

on the test-rig allowed the variation of five independent variables: the condenser

water outlet temperature, the evaporator Ethylene Glycol inlet temperature, the

two secondary fluids mass flow rates (i.e. of the condenser and evaporator loops),

and the compressor rotational speed. The heat pump was designed to produce heat

at 35◦C (for floor heating) by taking advantage of a geothermal source at 12◦C. In

those conditions, the coefficient of performances reached the value of 4.72, with a

compressor speed of 2400rpm and secondary fluid mass flow rates of 1.1kg/s. Due

to technical issues, the performances could not be evaluated at higher compressor

rotational speed in the same conditions. However, the experimental campaign al-

lowed testing in various conditions. The COP of the heat pump increased with a

smaller condenser mass flow rate, as it increased the water temperature lift, the

subcooling and therefore the condensing heat load without modifying the electrical

consumption. It was demonstrated that increasing the superheat value decreases the

coefficient of performance. The superheat should be kept to its lowest value while

ensuring saturated vapour at the compressor inlet. The experimental campaign

showed that the compressor isentropic efficiency is maximal at a compressor ratio of
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± 3.5, increases with increasing refrigerant mass flow rate and decreasing compres-

sor rotational speed. The scroll compressor reaches high isentropic efficiency at high

evaporating temperature and intermediate condensing temperature. The volumetric

efficiency increases with increasing rotational speed, increasing refrigerant mass flow

rate and decreasing compression ratio. Adding a liquid receiver allows stabilising

the system, its effect is significant at high condensing temperature. However, the

subcooling is almost entirely lost in the liquid receiver, causing the refrigerant to

enter the expansion valve in a two-phase state and causing large variations of the

EEV opening degree. It is mandatory to subcool the working fluid after the liquid

receiver to achieve a stable system.

The experimental results were used to calibrate the heat pump semi-empirical model.

Each sub-model (i.e of the compressor, the condenser and the evaporator) were pre-

dicting, without many errors, the performances of the components. The heat pump

model is subjected to the propagation of errors and shows losses of accuracy.

To conclude this work, possibilities of improvements and perspectives are provided

in the last chapter.
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